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a b s t r a c t

A thermodynamic model for a hybrid solar gas-turbine power plant is presented. All the subsystems of
the plant are modeled, taking into account the most important losses sources: those coming from heat
losses in the solar subsystem, those in the combustion chamber, those associated to the Brayton cycle,
and those heat losses in the heat exchangers connecting subsystems. Analytical expressions for the over-
all plant efficiency and its power output are obtained in a general form, for whichever solar share: from
the pure combustion mode when solar irradiance is null or small, to the eventual case in which only solar
heat input would be enough to ensure that the working fluid reaches the turbine inlet temperature. The
gas-turbine model is validated by direct comparison of the model predictions with the output parameters
of a commercial turbine. Results are very promising. The real parameters of an existing experimental
thermosolar plant are considered and its performance records in stationary irradiance conditions are
obtained. A sensitivity analysis of the influence of several turbine losses is performed: recuperator, tur-
bine, compressor, and pressure losses. Finally, the influence of the pressure and temperature ratios on the
overall plant efficiency and the fuel conversion rate is discussed. This kind of thermodynamic analysis is
necessary in order to design efficient as well as commercially interesting new generations of plants of this
type.

� 2015 Elsevier Ltd. All rights reserved.
1. Introduction

Due to the rapid decrease of fossil fuel reserves and the interna-
tional commitment for the reduction of pollutant emissions, alter-
native energy sources are being intensively sought. Solar energy is
one of the candidate energy sources to at least partially substitute
fossil fueled generation plants. But up to now generation costs for
producing electric energy from pure thermosolar input are high
compared to conventional production [1]. Moreover, there is an
inherent problem related to guarantee a constant and predictable
power delivery to the grid. One possible alternative are solar-fossil
hybrid thermosolar power plants. Among them, those based on a
Brayton gas-turbine scheme have additional advantages as reliabil-
ity, quick start-up and shut-down processes, fully dispatchable
power, and probably the most important, very low water con-
sumption [2]. This is specially relevant in high solar irradiance
areas usually linked to arid conditions.

All those reasons have led during the last years to important
efforts to develop prototype and experimental plants to investigate
the viability of the hybrid solar gas-turbine plant concept. Solar
gas-turbine plants make use of concentrated solar power to heat
pressurized air performing a Brayton cycle before entering the
combustion chamber. The combustion chamber adds the required
energy to cover the gap between the air temperature after receiv-
ing the solar input energy and the turbine inlet temperature. Mod-
ern recuperated gas-turbines are thus combined with an heliostat
field through a solar receiver usually located in a central tower.
From now on some key projects developed during the last years
in this area are briefly summarized.

The SOLGATE (Solar Hybrid Gas Turbine Electric Power System)
project [3–5] made use of the CESA1 solar tower and field installed
at Plataforma Solar de Almería (Spain). Its objective was the devel-
opment of a solar-hybrid power system with direct solar heating of
pressurized air, as working fluid of a gas-turbine. A standard
gas-turbine was modified for external air heating, pressurized
receiver technology was investigated with the aim to get air outlet
at temperatures up to 1000 �C, and software tools for simulating
the system were developed. Experimental results in 2003 were
considered as satisfactory. The project SOLHYCO (Solar Hybrid
Power and Cogeneration Plants) [6] (2006-10) focused on the
development of a 100 KWe prototype solar-hybrid microturbine
system for cogeneration. It was based on a standard commercial
microturbine and special emphasis was laid on the development
of an up-to-date receiver based on a new high-performance tube
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Nomenclature

Aa aperture area of the collector
Ar absorber area of the collector
ac isentropic compressor pressure ratio
at isentropic turbine pressure ratio
C solar collector concentration ratio
cw specific heat of the working fluid
DP design point
f solar share
G solar irradiance
h1 radiation heat loss coefficient for the solar collector
h2 effective convection and conduction loss coefficient for

the solar collector
_m mass flow rate of the working substance
_mf fuel mass flow rate

ME maximum efficiency
MP maximum power output
P power output
j _QHj total heat-transfer rate absorbed from the working fluid
j _QHCj heat input from the combustion chamber
j _Q LCj heat losses in the combustion chamber
j _Q 0HCj heat rate transferred from the combustion chamber to

the associated heat exchanger
j _Q 0eHCj heat losses in the combustion chamber heat exchanger
j _QHSj heat rate input from the solar collector
j _Q LSj heat losses in the solar collector
j _Q 0HSj heat rate transferred from the solar collector to the

associated heat exchanger
j _Q 0eHSj heat losses in the solar collector heat exchanger
j _QLj heat-transfer rate between the working fluid and the

ambient
Q LHV lower heating value of the fuel
re fuel conversion rate

rp overall pressure ratio
THC working temperature of the combustion chamber
THS working temperature of the solar collector
TL ambient temperature (K)
tL ambient temperature (�F)
Tx working fluid temperature after the heat input from the

regenerator
T 0x working fluid temperature after heat input from the

solar collector
Ty working fluid exhaust temperature
T3 turbine inlet temperature
UL convective losses of the solar collector
a effective emissivity
g overall thermal efficiency
gC combustion chamber efficiency
gH thermal efficiency of the Brayton heat engine
eHC combustion chamber heat exchanger efficiency
eHS solar collector heat exchanger efficiency
gS solar collector efficiency
g0 effective transmittance-absorptance product
ec isentropic efficiency of the compressor
eL cold side heat exchanger efficiency
er regenerator effectiveness
et isentropic efficiency of the turbines
c adiabatic coefficient of the working fluid
qH irreversibilities due to pressure drops in the heat input
qL irreversibilities due to pressure drops in the heat release
r Stefan–Boltzmann constant
sHS temperature ratio associated to the solar collector
sHC temperature ratio associated to the combustion cham-

ber
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technology. Different variations for cogeneration systems and
combined cycle systems were analyzed together with the cost of
the generated electricity. One of the main conclusions was that
the economical feasibility of plants of this type requires an effort
to get high-energy conversion efficiencies. More recently an inter-
national consortium, led by Abengoa Solar, take part in a project
called SOLUGAS [7] in order to develop the first solar hybrid driven
gas-turbine system on a pre-commercial scale. The project started
in 2008 and has a duration of 54 months. The heliostat field used is
the Solúcar platform (Sanlúcar La Mayor, Sevilla, Spain). SOLUGAS
receiver is expected to heat compressed air to operation tempera-
tures of 800 �C, and then the air is fed into the combustion cham-
ber of a 4.6 MWe industrial gas-turbine.

Although all these technological projects show that during the
last years a considerable effort from private organizations as well
as public institutions has been made in order to develop these
technologies, the basic research on these systems is still an open
field. This is especially important since most prototype plants show
the necessity of improving overall energy conversion efficiency in
order to get a commercially suitable technology. Within this con-
text, thermodynamic analyses of these plants are interesting in
order to optimize the main parameters required to design future
plants. They provide an integrated perspective of the plant subsys-
tems and the contribution of each of them to the whole plant effi-
ciency. This facilitates the detection of the main design and
operation flaws, and provides a guide to obtain combinations of
parameters reducing inefficiencies.

There exist in the specialized literature several research works
on solar systems running in several thermodynamic cycles. Proba-
bly the most analyzed up to date, because of its practical interest is
the Rankine solar cycle [8–10], but also other theoretical cycles
were analyzed in order to predict the limits that thermodynamics
imposes for the efficiency of solar driven systems. These include
solar Carnot [11,12], Ericsson [13–15], Braysson [16–18], and Stir-
ling [13,19,20] systems. Surprisingly, there are not many analyses
of solar driven Brayton plants in spite of their potential commercial
interest as commented above. Leroux et al. [21–23] have developed
several works on these plants, specially on aspects related to the
development and analysis of solar receivers. They have recently
published a review on the subject [24]. Spelling et al. [25,26] have
focused on the viability of this technology by working on thermo-
economic aspects. Other works rely on the use of commercial sim-
ulation programs as TRNSYS [27], from which it is difficult to
extract general conclusions or to deep in the thermodynamics of
these systems.

Usually thermodynamic models are far from reality because
either do not incorporate all the main losses in real plants
[16,28] or describe a purely solar (non-hybrid) plant operation
[29–31]. Even more, to our knowledge there are no fully thermody-
namic analytical analyses of hybrid plants that could work either
with solar energy input or with the heat released by a combustion
chamber. Thermodynamic studies allow a very helpful pre-design
analysis in order to survey the effect of the main plant parameters
in the plant output records and the importance of the several loss
sources. Then, they can give a guide to find the optimum intervals
for the parameters that would lead to optimize plant operation (in
respect to its global efficiency, power output, or any other objective
function). So, the main aim of this paper is to develop a full ther-
modynamic model for a solar-hybrid Brayton type plant incorpo-
rating the main irreversibility associated losses that a real plant
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has. This analysis could be very useful in the future design of this
type of hybrid solar plants, specially in the design optimization
process required to increase its efficiency to make them interesting
for commercial exploitation.

The paper is structured as follows. In Section 2 we set the main
hypothesis of the model, obtain general equations for the overall
efficiency of the plant, and detail the involved submodels: solar
collector, combustion chamber, and Brayton heat engine. In
Section 3 the model is validated by comparing its predictions with
experimental measures for a commercial turbine. Section 4 is
devoted to analyze the sensitivity of the efficiency and power out-
put of the system to the basic parameters of the heat engine. In
Section 5 the predictions of the model in which respect to the evo-
lution of efficiencies with the solar collector and combustion tem-
perature ratios are shown. Finally, the main conclusions of the
analysis and the perspectives for future work are summarized.

2. Thermodynamic model and plant efficiency

An schematic representation of the considered hybrid plant is
depicted in Fig. 1 and a diagram of the main energy fluxes is plot-
ted in Fig. 2. The working fluid develops a closed Brayton like cycle.
It is first compressed through a non-ideal compressor and then
heated in three steps from two external sources. It receives a first
energy input in a regenerator that makes use of the high tempera-
ture at the turbine exit, then a second heat input coming from a
concentrating solar receiver, and eventually, a third heat input in
order to ensure that the appropriate turbine inlet temperature is
reached. After the regenerator exit, as the cycle is considered as
closed, a heat exchanger releases a heat flux to the ambient, so
the temperature at the compressor inlet is recovered.

In the scheme of Fig. 2 the heat engine system is shown with a
green dotted line. It receives two external heat inputs, _QHS, and
_Q HC, coming respectively from the solar collector and the combus-

tion chamber. The heat engine produces a power output, P, and
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Fig. 1. Scheme of the hybrid solar
releases a heat flux, _Q L, to its surroundings. The whole system is
enclosed in a black dashed line in Fig. 2. It includes the solar collec-
tor, combustion chamber, all the required heat exchangers and the
heat engine itself. It receives two energy inputs: (a) A solar power
input denoted by GAa, where G is the mean solar irradiance and Aa,
is the aperture area of the solar collector. The losses in the solar
collector are denoted by _Q LS and will be detailed later. The useful
heat flux, _Q 0HS, obtained from the collector is transferred to the
working fluid through a solar receiver considered as non-ideal heat
exchanger with efficiency eHS, so the effective solar heat flux
received by the working fluid in the heat engine is _QHS. The losses
in the solar heat exchanger are denoted by _Q 0eHS. (b) In a similar
way, the combustion chamber transforms a global energy input
_mf Q LHV, where _mf is the instantaneous fuel mass flow and Q LHV

its corresponding lower heating value, into a useful work _QHC

received by the working fluid. In order to have an alike scheme that
in the solar subsystem, we consider separately losses in the com-
bustion chamber itself, _Q LC (associated to incomplete combustion
and losses through its walls) and losses in the heat exchanger that
transfers the heat to the working fluid. It has an isentropic effi-
ciency eHC and the corresponding losses are _Q 0eHC .

The thermal efficiency of the whole system, g, is defined as the
ratio between the net mechanical power output, P, and the total
heat input rate, that has two energy sources: solar and combustion
of a conventional (fossil or bio-) fuel,
g ¼ P
GAa þ _mf Q LHV

ð1Þ
Our purpose now is to express this global efficiency in terms of the
efficiency of the solar collector, gS, that of the combustion chamber,
gC , the efficiency of the Brayton heat engine, gH, and the efficiencies
of all the required heat exchangers to transfer the heat flows in or
out of the working fluid.
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heat engine itself, the solar subsystem, the combustion chamber, and all the required heat exchangers. The heat engine produces a power output P and releases a heat flux _QL

to its surroundings. (For interpretation of the references to colour in this figure legend, the reader is referred to the web version of this article.)
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The efficiency of the solar collector, gS, is defined as the ratio
between the useful heat rate that the collector provides, j _Q 0HSj,
and the solar energy rate it receives, GAa:

gS ¼
j _Q 0HSj
GAa

ð2Þ

The working fluid that performs the thermal cycle receives the solar
heat input through a solar receiver, that transfers a heat rate j _QHSj to
the working fluid. The solar receiver can be characterized by an
isentropic efficiency, eHS ¼ j _QHSj=j _Q 0HSj. So, the efficiency of the solar
collector can be expressed in terms of the heat rate received by the
fluid, j _QHSj, and the efficiency of the receiver, eHS, as:

gS ¼
j _Q HSj=eHS

GAa
ð3Þ

The working temperature of the solar collector is denoted as THS, the
temperature of the gas after the regenerator is Tx, and the temper-
ature after the solar input is T 0x (for notation, see Fig. 1).

In a similar way, the combustion chamber generates a heat rate,
j _Q 0HCj, that is transferred to the working fluid by means of a heat
exchanger with isentropic efficiency eHC ¼ j _Q HCj=j _Q 0HCj, so the
working fluid receives a heat rate j _Q HCj coming from the combus-
tion of the fuel. Note that a closed Brayton cycle is being modeled,
so the fuel is not injected in the air itself, but the gas receives the
energy input coming from combustion through a heat exchanger.
The efficiency of the combustion chamber is thus given by:

gC ¼
j _Q 0HCj
_mf Q LHV

¼ j
_QHCj=eHC

_mf Q LHV
ð4Þ

The temperature at the entrance of the heat exchanger associated to
the combustion chamber is that at the outlet of the solar energy
input, T 0x, and the outlet temperature is the turbine inlet tempera-
ture, T3.

The thermal efficiency of the heat engine is defined as usual, as
the ratio between the net power output, P, and the total heat input
received by the working fluid, j _QHj ¼ j _QHSj þ j _Q HCj:
gH ¼
P

j _Q HSj þ j _Q HCj
ð5Þ

In Section 2.2 it will be detailed the main hypotheses of the gas-tur-
bine model in which respect to the irreversibility sources consid-
ered and explicit calculations of the heat engine efficiency in
terms of the main cycle variables and parameters quantifying losses
will be shown.

For the calculation of the overall efficiency of the whole system
we substitute Eqs. (3) and (4) in Eq. (1), so

g ¼ P
j _QHS j
eHSgS
þ j _QHC j

eHCgC

¼ gSgCgH
j _Q HSj þ j _Q HCj

gC
j _QHS j
eHS
þ gS

j _QHC j
eHC

0
@

1
A ð6Þ

Defining a solar share ratio as the ratio of the solar heat rate that the
working fluid absorbs with respect to the total heat input,
f ¼ j _QHSj j _QHSj þ j _QHCj

� �.
, the efficiency can be expressed as:

g ¼ gSgCgH
1

gC f
eHS
þ gSð1�f Þ

eHC

" #
¼ gSgCgH

eHSeHC

gCeHCf þ gSeHSð1� f Þ

� �
ð7Þ

This equation gives us the global efficiency in terms of the thermal
efficiency of the solar collector, gS, the combustion chamber, gC , the
heat engine, gH , the solar share, f, and the isentropic efficiencies of
the heat exchangers the working fluid receives the heat input
through, eHS and eHC. This expression is valid for the general case
when both heat sources are simultaneously releasing energy to
the fluid. In the particular case in which eventually all the energy
input comes from the solar collector, f ¼ 1, and g ¼ gSgHeHS, and
when solar irradiance is null, and the turbine works only with the
heat released in the combustion reactions, f ¼ 0, and g ¼ gCgHeHC.

It is also interesting to define a performance relative to the
energy input with an economical cost, i.e., to the fuel burned. It
constitutes a fuel conversion rate, and can be defined as suggested
by Heywood [32]:

re ¼
P

_mf Q LHV
ð8Þ
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It can be related with the efficiency of the global system, g, and the
efficiencies of the solar subsystem, gS, and the heat engine, gH

through Eqs. (1)–(3), Eq. (5) and the definition of solar share, f. It
is easy to show that:

re ¼
ggSgHeHS

gSgHeHS � gf
ð9Þ

In the case that all the energy input comes from combustion, f ¼ 0
and re ¼ g. In the opposite situation, if eventually all the energy was
solar, f ¼ 1 and g ¼ gSgHeHS, so re !1. Thus, note that this rate is
defined in the interval ½0;1�, not in the interval ½0;1� or ½0;gCarnot�,
where gCarnot represents the corresponding Carnot’s efficiency, as
it happens for thermodynamic efficiencies. Strictly it is not a ther-
modynamic efficiency, it is a measure of the system performance
from the viewpoint of fuel costs. In a solar hybrid system as the
one considered here, re, can reach values over 1 because a fraction
of the energy input has not associated costs.

2.1. Modeling subsystems: solar plant and combustion chamber

In order to model the heat released from the solar collector,
j _Q 0HSj and its efficiency, gS, it is assumed that at low and intermedi-
ate collector temperatures the losses at the collector essentially
comes from conduction and convection, while at sufficiently high
temperatures main losses comes from radiation. The energy col-
lected at the aperture is GAa, and the useful energy provided by
the solar plant is the difference between the energy transmitted
to the receptor, g0GAa, where g0 is the effective transmittance-
absorptance product (optical efficiency) and the losses, j _Q LSj, that
in general contain a linear term in temperature differences
accounting for conduction and convection losses and a term on
the fourth power of the collector temperature, THS, associated to
radiation losses. Thus, the useful heat released from the collector
and its efficiency can be respectively expressed, as [18,33–35]:

j _Q 0HSj ¼g0 GAa�arAr T4
L ðs4

HS�1Þ�UL ArTLðsHS�1Þ ð10Þ

gS¼
j _Q 0HSj
GAa

¼ j
_Q HSj=eHS

GAa
¼g0 1�h1 T4

L ðs4
HS�1Þ�h2 TLðsHS�1Þ

h i
ð11Þ

In these equations sHS ¼ THS=TL denotes the ratio between the
working temperature of the solar collector and the ambient, Aa

and Ar are, respectively, the aperture and absorber areas,
h1 ¼ ar=ðg0GCÞ, h2 ¼ UL=ðg0GCÞ, where UL is the convective heat
loss coefficient, a is the effective emissivity of the collector,
C ¼ Aa=Ar is the concentration ratio, and r the Stefan–Boltzmann
constant. By considering h2 ¼ 0 the model with purely radiative
losses is recovered [36].

The efficiency of the combustion chamber is given by Eq. (4).
For most applications, once elected the fuel to be burned, it could
be considered as a constant parameter. The heat received by the
working fluid from the combustion chamber, _Q HC, can be written
as:

j _Q HCj ¼ eHCj _Q 0HCj ¼ eHC gC _mf Q LHV ð12Þ

In terms of temperatures:

j _Q HCj ¼ _mcw T3 � Tx0ð Þ ¼ _mcw eHC THC � Tx0ð Þ ð13Þ

where _m is the working fluid mass flow and cw is its specific heat.
The effective temperature in the combustion chamber is denoted
as THC, and the associated temperature ratio as sHC ¼ THC=TL. In
the numerical applications that will be considered later in this work
stationary solar conditions will be taken for the irradiance, so the
temperature T 0x will be constant, but in the general eventual case
that G is oscillating (and so T 0x) with the hours in a day and with
the weather and seasonal conditions, the fuel mass flow to be
burned in the combustion chamber is in general given by:
_mf ¼
_mcwðT3 � Tx0 Þ
gC Q LHV eHC

ð14Þ

The rate of fuel mass burned can be also obtained from the fuel con-
version rate defined in Eq. (9):

_mf ¼
P

re Q LHV
ð15Þ
2.2. Modeling subsystems: Brayton gas-turbine

In this section the efficiency of the heat engine, gH, is obtained
by considering that it develops an irreversible closed recuperative
Brayton cycle. The T � S diagram of the cycle is depicted in Fig. 3.
We suppose that the working fluid is a mass flow _m of an ideal
gas with constant specific heat, cw. Although this is a restrictive
hypothesis, as elsewhere commented in the literature [18] due to
the large temperature changes experienced by the gas, it is
assumed in order to obtain analytical expressions for the heat
inputs and the efficiency. For numerical applications, an approxi-
mate value for cw or the adiabatic coefficient, c, will be calculated
by averaging the corresponding temperature dependent polynomi-
als in the adequate temperature interval.

(1) As described above, the cycle for the gas begins with a com-
pression (1! 2) by means of a non-ideal compressor, which
isentropic efficiency is given by:
ec ¼
T2s � T1

T2 � T1
ð16Þ

In this equation T2s represents the temperature of the work-
ing fluid after the compression process if it was adiabatic and
T2 is the actual temperature at the compressor outlet.
(2) Between states 2 and 3 (process 2! 3), in general the gas
sequentially receives three energy inputs. First, the non-
ideal regenerator is capable to increase the gas temperature
from T2 to Tx. Its effectiveness, er , is defined as the ratio
between the actual temperature (Tx � T2) increase and the
ideal maximum one (T4 � T2):
er ¼
Tx � T2

T4 � T2
¼ Ty � T4

T2 � T4
ð17Þ
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In the case of a non-recuperative cycle, er ¼ 0, and in the limit
case of an ideal recuperator with no losses, its effectiveness
equals the unity, er ¼ 1. The consideration of er as a variable
for the global efficiency or other output parameters of the
plant would allows us to analyze to which extent an invest-
ment in a good regenerator increases the plant output
parameters.
Second, the gas receives a heat flow, j _QHSj, from the solar sub-
system (step x! x0) and thus its temperature increases from
Tx to T 0x. The isentropic efficiency, eHS, of the heat exchanger
connecting the working fluid with the solar subsystem in
terms of temperatures is given by:

eHS ¼
Tx0 � Tx

THS � Tx
ð18Þ

And third, in a similar way, the gas receives a completing
heat input from the combustion chamber (x0 ! 3) in order
to ensure an approximately constant turbine inlet tempera-
ture, T3, independently of the solar irradiance conditions.
This is done through a heat exchanger with efficiency:

eHC ¼
T3 � Tx0

THC � Tx0
ð19Þ

In which respect to the pressure during the heat addition
processes, a global parameter, qH, that quantifies the pres-
sure decrease in the process 2! 3 is considered. In real
plants pressure decays are associated to the equipment in
the three steps of the heat input process, so the curve
2! 3 would not be as smooth as it is plotted in Fig. 4. But
the consideration of a unique global pressure decay parame-
ter allows to obtain analytical equations and to numerically
check the effects of pressure decays in the output parameters
of the plant. So, qH is defined as:

qH ¼
pH � DpH

pH

� �ðc�1Þ=c

ð20Þ

where pH is the highest pressure of the gas and pH � DpH its
pressure at the turbine inlet.
Fig. 4. Evolution with the external temperature, tL , of the efficiency, power output,
and heat rate for the turbine Mercury 50 as provided by the manufacturer [37]
(dots) and calculated from our model (solid lines). Units are the same that those
given by the producer.
(3) In the state 3 the working fluid has reached its maximum
temperature and its is expanded by means of a non-ideal
turbine during the power stroke (3! 4). In Fig. 3 the state
4s represents the final state in the ideal case the turbine acts
as isentropic, and the state 4 is the actual final state after
expansion. The isentropic efficiency of the turbine, et is given
by:
et ¼
T4s � T3

T4 � T3
ð21Þ
(4) Finally, the gas recovers the conditions at the initial state 1
by releasing heat in the process 4!1 through two steps.
First, by means of the regenerator (process 4! y) and later
by releasing heat to the ambient at temperature TL through a
non-ideal heat exchanger with efficiency, eL (process y! 1):
eL ¼
T1 � Ty

TL � Ty
ð22Þ

The pressure loss during the whole heat release process is
measured through a coefficient qL given by:

qL ¼
pL � DpL

pL

� �ðc�1Þ=c

ð23Þ

where pL is the gas pressure at the turbine outlet and pL � DpL

its lowest pressure during the cycle. It is convenient to define
a global pressure ratio, rp as:
rp ¼
pH

pL � DpL
ð24Þ

Provided that the processes 1! 2s and 3! 4s are adiabatic
(see Fig. 4), two parameters, ac and at , related to the pressure
ratios of the compressor and the turbine respectively are
defined:

ac ¼
T2s

T1
¼ pH

pL � DpL

� �ðc�1Þ=c

¼ rðc�1Þ=c
p ð25Þ

at ¼
T3

T4s
¼ pH � DpH

pL

� �ðc�1Þ=c

ð26Þ

From Eqs. (20), (23), and (24) it is easy to find a relationship
between them:

at ¼ acqHqL ð27Þ
2.3. Heat flows and thermal efficiency for the Brayton gas-turbine

The purpose of this section is to express the heat flows received
and released by the working fluid, j _QHSj; j _Q HCj, and j _QLj in terms of
the parameters that quantify the irreversibility losses considered
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in the model. From them it is straightforward to obtain the power
output, P, and the thermal efficiency, gH, of the heat engine.

First, we express the temperatures of all the states in the cycle
in terms of the temperature of the solar collector, THS, that of the
combustion chamber, THC, and the pressure ratios of the compres-
sor, ac and the turbine, at . By using the definitions in the section
above, Eqs. (16)–(27), it is possible to obtain the following set of
equations:

T1 ¼ eLTL þ Ty 1� eLð Þ ð28Þ

T2 ¼ T1 þ
1
ec

T2s � T1ð Þ ¼ T1Zc ð29Þ

T3 ¼ eHCTHC þ Tx0 1� eHCð Þ ð30Þ
T4 ¼ T3 � et T3 � T4sð Þ ¼ T3Zt ð31Þ
Tx ¼ erT4 þ T2 1� erð Þ ð32Þ
Ty ¼ erT2 þ T4 1� erð Þ ð33Þ
Tx0 ¼ eHSTHS þ Tx 1� eHSð Þ ð34Þ

The Eqs. (29) and (31) were simplified by introducing two
definitions:

Zc ¼ 1þ 1
ec

ac � 1ð Þ ð35Þ

Zt ¼ 1� et 1� 1
at

� �
ð36Þ

By simultaneously using Eqs. (28)–(34) it is feasible to express all
the temperatures in terms of the temperatures of the heat sources,
THS and THC, the ambient temperature, TL, the pressure ratio, rp and
all the irreversibility parameters defined above. After cumbersome
calculations, the following relationships are obtained:

T2 ¼
1� eLð Þ 1� erð Þ eHCTHCþ eHSTHS 1� eHCð Þ½ �þeLTL Z�1

t � 1�eHCð Þ 1�eHSð Þer

h i
Z�1

c � 1�eLð Þer

h i
Z�1

t � 1�eHCð Þ 1�eHSð Þer

h i
� 1� eHCð Þ 1� eHSð Þ 1�eLð Þ 1�erð Þ2

ð37Þ

T4 ¼
eHCTHCþeHSTHS 1�eHCð Þ½ � Z�1

c � 1� eLð Þer

h i
þeLTL 1� eHCð Þ 1� eHSð Þ 1�erð Þ

Z�1
c � 1�eLð Þer

h i
Z�1

t � 1�eHCð Þ 1�eHSð Þer

h i
� 1� eHCð Þ 1� eHSð Þ 1�eLð Þ 1�erð Þ2

ð38Þ

T3

TL
¼ T4

TL
Z�1

t ¼ Z�1
t

sHCeHC 1�eHCð ÞeHSsHS½ � Z�1
c � 1� eLð Þer

h i
þeL 1� eHCð Þ 1� eHSð Þ 1�erð Þ

Z�1
c � 1�eLð Þer

h i
Z�1

t � 1� eHCð Þ 1�eHSð Þer

h i
� 1�eHCð Þ 1�eHSð Þ 1� eLð Þ 1� erð Þ2

ð39Þ

T1

TL
¼

eL þ Zt 1� eLð Þ 1� erð Þ T3
TL

1� er 1� eLð ÞZc
ð40Þ

Tx

TL
¼ T4

TL
er þ

T2

TL
1� erð Þ ¼ T3

TL
Zter þ

T1

TL
Zc 1� erð Þ ð41Þ

It is easy to get the temperature of the working fluid at the recuper-
ator exit by substituting Eqs. (37) and (38) in Eq. (33). The total heat
input rate, j _QHj, and, the heat release, j _QLj, are expressed in terms of
the temperatures in the following way:

j _Q Hj ¼ j _QHSj þ j _Q HCj ¼ _mcw T3 � Txð Þ ð42Þ
j _Q Lj ¼ _mcw Ty � T1

� 	
ð43Þ

where,

j _Q HSj ¼ _mcw Tx0 � Txð Þ ¼ f j _Q Hj ð44Þ
j _Q HCj ¼ _mcw T3 � Tx0ð Þ ¼ ð1� f Þj _Q Hj ð45Þ

From the calculations above it is viable to obtain expressions for
j _QHSj; j _QHCj, and j _QLj in terms of the temperature ratios, sHS; sHC,
the pressure ratio, rp, and all the parameters accounting for irrever-
sibilites. This is done by substituting Eqs. (39)–(41) in Eqs. (42)–(45)
provided that the ratios T3=TL; T1=TL, and Tx=TL can be expressed in
terms of the mentioned temperature and pressure ratios, and the
parameters associated to losses. Finally, the relevant heat rates are:

j _QHSj ¼ _mcwTLeHS sHS �
Tx

TL

� �

¼ _mcwTLeHS sHS � Zter
T3

TL
� Zc 1� erð Þ T1

TL

� �
ð46Þ

j _QHCj ¼ _mcwTLeHC sHC�sHSeHS� 1�eHSð Þ T3

TL
Zterþ

T1

TL
Zc 1�erð Þ

� �
 �
ð47Þ

j _QLj ¼ _mcwTLeL
T3

TL
Zt 1� erð Þ þ T1

TL
Zcer � 1

� �
ð48Þ

Thus, the power output released by the heat engine, P ¼ j _QHj � j _QLj,
and its thermal efficiency, gH ¼ P=j _QHj, have analytical expressions
susceptible to be evaluated for any set of the involved variables.

Gathering all the calculations, the efficiency of the heat engine,
gH [Eqs. (46)–(48)] and the efficiency of the solar subsystem, gS

[Eq. (11)] have been expressed analytically in terms of temperature
and pressure ratios, and parameters accounting for the particular
irreversibilities in each of them. For the efficiency of the combus-
tion chamber an approximately constant given value, gC will be
considered. So, from the Eq. (7) that gives us the overall thermal
efficiency, g, we are in conditions to obtain its numerical values
after assuming a particular set of all the parameters mentioned
above.

Some observations about the available temperature intervals
for THS and THC are in order at this point:

� The solar share, f defined as the ratio between the solar heat
rate received by the working fluid, j _Q HSj and the total heat input,
j _QHj, in our work does not appear as an independent parameter,
but it is a function of the temperatures of the heat sources, and
all the other parameters.
� As a consequence of the assumptions made in this model for the

sequence of heat absorption processes, the following inequali-
ties for temperatures hold (see Fig. 3):
T3 P T 0x P Tx ð49Þ
THS P Tx ð50Þ
THC P T 0x ð51Þ

Eq. (49) is trivially obtained from Eqs. (44) and (45). The equality
T3 ¼ T 0x is valid when solar radiation is capable to provide
enough energy to the gas to reach the turbine inlet temperature.
In terms of the solar share, f ¼ 1. The equality T 0x ¼ Tx appears in
the opposite case, all the energy comes from combustion, so the
solar share is zero. The other equations, Eqs. (50) and (51), come
from the fact that the efficiencies of the heat exchangers, eHS and
eHC are greater than 0, Eqs. (18) and (19). The equalities holds in
the case of ideal heat exchangers with no losses, eHS ¼ 1 and/or
eHC ¼ 1.

3. Model validation

For the validation of the model a particular real plant was
elected, the one developed in the SOLUGAS (Solar Up-Scale Gas
Turbine System) project [7]. This project started in 2008 under the
European Commission’s 7th Framework Program. The spanish
company Abengoa Solar led an international consortium with the
objective to develop the first solar-driven gas-turbine plant on a



Table 2
Predictions of our model for the main parameters of the hybrid solar gas-turbine plant
developed for the SOLUGAS project [7,46]. The elected parameters for the simulation
of the combustion chamber and solar subsystems are shown (the working temper-
ature of the solar collector, THS , was obtained from an energy balance, see text for
details and references). All other parameters for the gas-turbine itself are those
contained in Table 1.

Combustion related parameters
gC ¼ 0:98 THC ¼ 1430 K eHC ¼ 0:98

Solar plant parameters
g0 ¼ 0:73 THS ¼ 1088 K eHS ¼ 0:95 G ¼ 860 W/m2

a ¼ 0:1 r ¼ 5:67� 10�8 W/(m2 K4) C ¼ 425:2 UL ¼ 5 W/(m2 K)

Estimated output parameters
f ¼ 0:42 _mf ¼ 0:151 kg/s P ¼ 4:2 MW

Estimated efficiencies
gH ¼ 0:393 gS ¼ 0:697 g ¼ 0:317 re ¼ 0:647
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pre-commercial scale. It was constructed in one of the heliostat
fields of Abengoa Solar in Sanlúcar la Mayor, Sevilla, Spain. The
main objectives of this project, after some previous ones like SOL-
GATE and SOLHYCO, that showed the technical viability of this
technology, was to demonstrate the performance and costs level
of this kind of plants on a commercial scale and the persistence
of its components, specially the solar receiver. With those objec-
tives a 75 meter high concrete tower was designed and built to
allocate the receiver and the gas-turbine. The heliostats field con-
sists of 69 units designed by Abengoa, each of them of 121 m2

reflective area and with an innovative tracking system. It is able
to deliver more than 5 MWth.

The gas-turbine was placed in the central tower and was a com-
mercial one, the Mercury 50 gas-turbine generator set manufac-
tured by Solar Turbines [37]. It is considered as one of the lowest
emitting and highest efficiency gas-turbine in its power size range.
It is a recuperated gas-turbine with a power output of 4.6 MWe
and 38.5% efficiency. In most applications is fed with natural gas.

To validate our model in which respect to the gas-turbine itself,
some technical data given by the manufacturer and numerically
calculated the main output parameters were collected. In Table 1
the experimental parameters are summarized together with those
we had to assume to obtain numerical values, and the comparison
between the experimental results and the numerical ones. In refer-
ence to our assumptions, the working fluid was considered air with
averaged values of constant pressure specific heat, cw, and adia-
batic constant, c. To calculate averages an standard polynomical
form for cwðTÞ was considered [38] and averages were performed
in the interval ½TL; T3�. To account for the losses in the turbine, com-
pressor and regenerator, realistic values of the corresponding isen-
tropic efficiencies (et ; ec , and er respectively) were taken. The global
pressure losses in the heat absorption and heat release processes
were taken identical and numerically around 11%, which leads to
values of qH and qL through Eqs. (20) and (23) of 0.97. The manu-
facturer gives the output values at the generator terminals, so to
compare with our results a 99% efficiency in the mechanical–elec-
trical power conversion [39] was assumed. With all these assump-
tions, the comparison with the available real data: the temperature
at the turbine inlet, T3, the temperature after the regenerator, Ty,
the efficiency, gH , and the power output, P show a fairly good
agreement with those of the real turbine as shown in the Table 1.
In the worst case difference does not exceed 1.4%.

It is also plotted the evolution of the efficiency, power output,
and heat rate (heat input required to obtain a certain power out-
put) with the ambient temperature, TL, and compared the result
with those provided by the manufacturer for the turbine Mercury
Table 1
Comparison of manufacturer’s output results for the turbine Mercury 50 (Solar
Turbines, Caterpillar) [37] and the predictions of our model with the irreversibility set
of parameters shown. The specifications give the efficiency and power output as
measured as generator terminals. In our computations, it was assumed that the
generator efficiency amounts 0.99%.

Mercury 50 manufacturer’s specifications
_m ¼ 17:9 kg/s rp ¼ 9:9 TL ¼ 288 K

Measured output parameters
T3 ¼ 1423 K Ty ¼ 647 K g ¼ 0:385 P ¼ 4:6 MW

Assumed losses parameters
eHC ¼ 0:98 qH ¼ qL ¼ 0:97 et ¼ 0:885 er ¼ 0:775
eL ¼ 1 ec ¼ 0:815

Calculated values
T3 ¼ 1418 K Ty ¼ 650 K gH ¼ 0:387 P ¼ 4:5 MW

Relative deviations

T3 Ty gH P

0.4% 0.4% 0.6% 1.4%
50 [37]. These plots are shown in Fig. 4 in the same units and
the same temperature interval (approximately between �18 �C
and 49 �C) that in the turbine specifications. Again, the agreement
between estimated and experimental results is notably satisfac-
tory. Experimental curves show a behavior not so close to a linear
one as predicted by the model, but numerical differences are small,
being more apparent at small temperatures. At intermediate tem-
peratures (between 40 and 80 �F, i.e., between 4 and 26 �C), numer-
ical differences are really scarce.

Unfortunately, we are not aware neither of the publication of a
complete set of results for the project SOLUGAS when the plant is
running in a fully hybrid mode, nor some details of the solar sub-
system. So, some parameters (see Table 2) were assumed from
those of similar facilities owned by Abengoa Solar in the same loca-
tion (optical efficiency, concentration ratio, and design point irradi-
ance) [7,46] and other were taken from standard values in the
literature [18,28,40,41].

The working temperature of the solar collector was obtained by
balancing the useful energy released by the solar collector, �HSj _Q 0HSj,
Eq. (10), and the heat input in the Brayton engine, j _Q HSj, Eq. (46).
This is depicted in Fig. 5. The first is a decreasing function of sHS

in which losses increase due to radiation and convection-conduc-
tion terms. The second is a linearly increasing function of sHS.
The crossing between them determines the effective working tem-
perature of the solar collector. For an external temperature
TL ¼ 288 K, it leads to THS ¼ 1088 K. This is in accordance with
the estimations for the SOLUGAS plant. To reach temperatures
around this one was one of the objectives of the considered project
τ
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Fig. 5. Energy balance in order to obtain the working temperature of the solar
collector, by using Eqs. (10) and (46). The useful energy per unit time that the solar
collector could ideally release (no losses), �HSg0GAa is also displayed. So, the
difference between the blue and the green curve accounts for the heat transfer
losses at the solar collector. (For interpretation of the references to colour in this
figure legend, the reader is referred to the web version of this article.)
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and were achieved in previous similar plant prototypes. The cross-
ing point corresponds to a thermal energy delivery to the turbine
about 5 MW, that also is in accordance with the experimental
measures.

With respect to the combustion chamber a standard combus-
tion efficiency, gC , heat exchanger efficiency, eHC, and temperature
inside the chamber for natural gas, THC (see Table 2) were taken.
Some estimated output parameters as well as predicted efficiencies
are shown at the bottom of Table 2. The obtained turbine inlet tem-
perature, T3, and power output, P, corresponds to the expected for
the considered turbine. The corresponding solar share is obtained
directly from its definition and the rate of fuel mass was obtained
by assuming a lower heating value for natural gas of
Q LHV ¼ 47:141 MJ/kg [42]. It should be stressed that the global effi-
ciency of the plant, g ¼ 0:317, is a perfectly reasonable value for
the peak efficiency of this kind of plants [43].
4. Sensitivity analysis

In this section the sensitivity of the main output records to
some basic design parameters of the heat engine itself as regener-
ator efficiency, er , turbine and compressor isentropic efficiencies, et

and ec , and the pressure losses in the heat absorption process, qH is
analyzed. In Fig. 6 it is depicted the influence of variations of er ; et

and ec on the heat engine efficiency, gH , the fuel consumption effi-
ciency, re, the overall plant efficiency, g, and the power output, P.
Design point (DP) conditions are those contained in Tables 1 and
2. In the horizontal axis, percentage variations up to 10% on several
losses parameters are represented (denoted in general as De), and
the vertical axis refers to relative variations of the indicated mag-
nitudes with respect to design point output parameters. In real val-
ues, the intervals considered for the losses parameters are:
er; ½0:698;0:853�; et ; ½0:797;0:974�, and ec; ½0:734;0:897�. From the
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Fig. 6. Sensitivity analysis of the heat engine efficiency, gH , the fuel conversion rate, re ,
parameters related with the heat engine: regenerator effectiveness, er , compressor and t
both, ec þ et . The point ð0;0Þ corresponds to design point (DP) conditions. In the x axis w
and in the y axis the relative variations of efficiencies with respect to DP.
figure, it is clear that for all the considered variables, evolutions
are almost linear and the slope of the trends is always higher for
et , than ec . So, globally the plant is more sensitive to the losses in
the turbine. For instance, a 10% improvement on et increases the
overall efficiency, about 12% and on re about 22%. Similarly, if an
investment is done in order to improve ec in the same amount, g
and re would increase 10%. And, of course, a simultaneous increase
of et and ec would lead to a significant increase of all the output
records. A 10% increase in both would result in an increase in g
around 22% and in re about 35%.

With respect to the sensitivity of the plant to changes on the
efficiency of the recuperator, er , it can be seen from Fig. 6 that, as
expected, P does not depend on it because power is the difference
between the net absorbed heat rate and the net heat released to
the ambient, and the regeneration process is an internal heat trans-
fer in the cycle. More stressing is the fact that the fuel conversion
rate, re, presents a quite flat dependence on er , at least for the con-
sidered variation interval. In principle, it should be expected that
an increase in er would produce a decrease in fuel consumption
and thus increase re. And the fuel savings should be more impor-
tant for lower temperatures of the solar collector, once the turbine
inlet temperature is fixed. To investigate this point we show in
Table 3 re for three values of the working temperature of the solar
collector, THS (the design point temperature corresponds to the
intermediate one, THS ¼ 1088 K), and several values of er covering
the widest possible interval for er , including the limit cases of no
regeneration (er ¼ 0) and limit ideal regeneration (er ¼ 1). From
the table can be concluded that, actually re is sensitive to er ,
although not so sensitive as one could a priori expect. For instance,
for the lowest value of THS ¼ 873 K, the relative increase of re

between the limit cases of er amounts 2.8%. For THS at the design
point, 4.3%, and in the limit case er ¼ 1, around 9.2%. In terms of
the rates of fuel consumption, _mf , relative fuel savings are similar.
In the table real units are shown by considering natural gas as fuel.
Δre

-5 0 5 10

ΔP

10

(%)

(%)
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the overall thermodynamic efficiency, g, and the power output, P, to several losses
urbine isentropic efficiencies, ec and et respectively, and simultaneous variations of
e represent relative variations of the losses parameters with respect to those at DP,



Table 3
Evolution of the fuel consumption rate, re , and the fuel consumption itself, _mf , with
the effectiveness of the regenerator for different working temperatures of the solar
collector, THS (between 600 and 1000 �C). The considered design point corresponds to
er ¼ 0:775. The interval er ¼ 0:775� 0:95 could be taken as realistic for actual
regenerators. The cases er ¼ 0:0 and er ¼ 1:0 corresponds to the limit cases of no-
regeneration and ideal regeneration respectively.

er ¼ 0:0 0.775 0.85 0.95 1.0

THS ¼ 873 K re 0.399 0.408 0.409 0.410 0.410
_mf (kg/s) 0.243 0.239 0.238 0.237 0.237

1088 K re 0.624 0.647 0.649 0.652 0.653
_mf (kg/s) 0.157 0.151 0.151 0.150 0.150

1273 K re 1.203 1.288 1.296 1.308 1.314
_mf (kg/s) 0.082 0.076 0.076 0.075 0.075
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Fig. 8. (a) Evolution with the ambient temperature, TL , of the temperature of the
working fluid at the recuperator exit, Ty , for several values of the recuperator
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With respect to the sensitivity of the plant to the pressure losses
during the heat absorption process, Fig. 7 shows the relative vari-
ations of the power output and efficiencies against the relative
variations of the pressure losses, considered as a global parameter,
including those losses associated to the heat absorption from the
solar collector and those from the combustion chamber. In future
works this could be investigated more deeply by considering dif-
ferent losses in both heat absorption processes. From the figure it
could be concluded that, as a limit ideal situation, the total elimi-
nation of pressure losses will increase power output, P, and fuel
conversion rate, re, about 10%, and the overall plant efficiency
about 7%.
efficiency, er . All the other parameters corresponds to design point. (b) Solar share, f,
as a function of the external temperature. Dashed lines show the evolution with er if
all other parameters are fixed at DP conditions. Solid lines show the evolution with
the effectiveness of the heat exchanger of the solar subsystem, eHS. The lines marked
with DP corresponds to all parameters at design point.
5. Results and conclusions

Next, the influence of the ambient temperature, TL, on the solar
share, f, and on the gas temperature at the recuperator exit, Ty are
analyzed. Ambient temperature is a key parameter because it
simultaneously has an effect on the solar collector subsystem
and on the heat engine. In Fig. 8(a) Ty is depicted for several values
of the recuperator efficiency, er . It is a measure of the eventual pos-
sibilities of profiting the residual heat for combining the Brayton
cycle with a bottoming one. In the absence of recuperator,
Ty ¼ T4 and does not depend on TL. For the set of parameters con-
sidered (those at DP), the exit temperature would be around 900 K.
For a recuperated cycle, Ty is always a linearly increasing function
of TL. Its numerical value, obviously, is higher as er decreases. In
Fig. 8(b) the solar share, f, is depicted in terms of TL. Dashed lines
are built by fixing all the parameters at DP, except er for which sev-
eral values between 0.0 and 0.95 are considered. The solar share
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Fig. 7. Relative variations of P; re;g, and gH with respect to DP in terms of relative
variations of the pressure losses in the heat absorption process, D DpH=pHð Þ.
always decreases with TL, and as the effectiveness of the regener-
ator increases (and thus the temperature, Tx) its numerical values
decrease because the solar heat input required to reach the turbine
inlet temperature is lower. Solid curves in Fig. 8(b) are obtained by
taking several values of eHS and considering all the rest at DP. As it
should be expected, in this case numerical values of f are higher as
eHS increases because the solar heat input is more efficiently trans-
ferred to the gas.

The evolution of the global efficiency, g, and the fuel conversion
rate, re, with the pressure ratio of the Brayton cycle and the tem-
perature ratios associated to combustion, sHC , and to the solar col-
lector sHS are depicted in Figs. 9 and 10. All the plots shown in
these figures exhibit a maximum in terms of rp, so both efficiencies
are susceptible to be optimized in terms of rp. It is not the objective
of this paper to perform a detailed optimization analysis. The
model presented in this work, although analytical and depending
on a relatively reduced number of variables, would require a
multi-parametric optimization analysis [25,44,45] in order to
obtain realistic conclusions. It is only intended here to check the
evolution of g and re with three key parameters: the pressure ratio
of the turbine and the mentioned temperature ratios.

The overall efficiency (see Fig. 9) numerically increases as sHC

does (from top to bottom in the figure). An approximately realistic
interval of values of sHC was considered (the highest one is slightly
above the metallurgic limit for actual turbines), including particu-
larly the design point one for the plant considered in Section 3.
Some of the curves are cut at small values of rp because the solar
share, f, becomes negative. For a fixed value of sHC , an increase in
the solar collector temperature ratio, sHS, causes a decrease in the
overall efficiency. This is associated to the monotonic decrease of
the solar efficiency, gs, with sHS, Eq. (11). On the contrary, the effect
of sHS on the fuel conversion rate, re, is opposite: for a fixed
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combustion temperature, it increases with increasing sHS. In other
words, from the perspective of decreasing fuel consumption, evi-
dently a higher temperature for the solar collector is preferable.
Although from a thermodynamic viewpoint, overall efficiency
behaves opposite. In both figures the design point of the SOLUGAS
project plant is shown with a red dot. It is interesting the fact that
the design point almost coincides with the maximum value of re
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references to colour in this figure legend, the reader is referred to the web version of
this article.)
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Fig. 10. Same that Fig. 8 for the fuel conversion rate, re . Note that the design point
for the SOLUGAS project (red dot) is very close to the maximum value of re for the
corresponding values of sHC and sHS . (For interpretation of the references to colour
in this figure legend, the reader is referred to the web version of this article.)
for the considered values of the temperature ratios. This means,
that one of the main objectives by the designers of the SOLUGAS
project in taking the main plant parameters is precisely associated
to minimize fuel consumption for the required power output, P.

In the bottom panel of Fig. 9 the maximum efficiency point is
shown (the curve corresponding to sHS ¼ 3:0 is not considered
because it does not display a maximum in the rp interval leading
to positive values of the solar share, i.e., the system would not
work in a hybrid mode). This maximum efficiency conditions are:
sHS ¼ 3:5; sHC ¼ 5:3, and rp ¼ 6:1. The corresponding values of
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efficiencies and the main cycle temperatures are shown in Table 4.
The overall efficiency at this point is a 19% higher than that at the
design point.

Fig. 11 shows the curves of P for the same cases that in Figs. 9 and
10. Power output increases with sHC (i.e. with an increase in the tur-
bine inlet temperature) but is almost insensitive to the working
temperature of the solar collector (provided that the combustion
chamber ensures to reach the intended turbine inlet temperature).
The design point is close to the maximum achievable power for the
experimental temperature ratios. It is also shown the maximum
power output point. From the data in Table 4 in this point almost
a 30% increase of the power output with respect to the design point.
Anyway, it should be noted again that a rigorous optimization anal-
ysis of the model presented in this work would require multi-para-
metric optimization techniques. Work along this line is in progress.

The solar share, f, i.e., the fraction of the total heat input
absorbed from the solar collector does not present a maximum
as a function of rp for any of the considered combinations of sHC

and sHS (see Fig. 12). As sHC increases (from top to bottom in the
figure) the solar share decreases. For a fixed value of sHC , it
increases with the temperature of the solar collector. So, f is closer
to 1 (pure solar heat input) for high values of sHS and small com-
bustion temperatures. In numerical terms, it does not reach the
value f ¼ 0:8 for any of the cases checked. The interval of values
of rp leading to positive f narrows with increasing sHC and
Table 4
Main temperatures of the Brayton cycle performed by the gas turbine for the design
point considered (DP), maximum overall efficiency conditions (ME) and maximum
power output (MP). Plant efficiencies, fuel conversion rate (re), power output (P) and
fuel consumption ( _mf ) are also shown.

ME DP MP

T1 (K) 288 288 288
T2 (K) 502 579 652
Tx (K) 936 826 826
T 0x (K) 1004 1075 1000
T3 (K) 1516 1423 1516
T4 (K) 1063 898 876
Ty (K) 628 650 703

rp 6.1 9.1 15.0
sHC 5.3 4.97 5.3
sHS 3.5 3.78 3.5

gH 0.413 0.393 0.399
gS 0.704 0.697 0.704
g 0.378 0.317 0.345

re 0.450 0.647 0.511
P (MW) 4.72 4.18 5.42
_mf (kg/s) 0.223 0.151 0.225
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Fig. 11. Same that Figs. 8 and 9 for the power output in real units, P. The figure
shows that power output is almost insensitive to changes in sHS . The maximum
power output (MP) and design (DP) points are shown.
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Fig. 12. Evolution of the solar share, f, with the pressure ratio, rp , for several values
of sHC and sHS . Design point conditions (marked with a red dot) correspond to
sHC ¼ 4:97; sHS ¼ 3:78, and rp ¼ 9:9. (For interpretation of the references to colour in
this figure legend, the reader is referred to the web version of this article.)
decreasing sHS. For instance, by looking at the bottom panel of
the figure (sHC ¼ 5:3) it is concluded that for sHS ¼ 3 the solar share
is only positive (i.e., the solar collector really contributes to the
heating of the working fluid) for rp above approximately 10. Glob-
ally, for working temperatures of the solar collector not too high, it
would preferable to design the plant with a relatively high pres-
sure ratio.

In summary, we have presented in this work a thermodynamic
model for a hybrid thermosolar gas-turbine power plant. The
model includes the main irreversibility sources from all the sub-
systems that form the global system. It allows to obtain analytical
expressions for the output parameters as power and efficiency, and
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eventually other magnitudes. It can be applied to any working
mode of the plant, from the hypothetical case in which solar irra-
diance is enough to reach the turbine inlet temperature, to the case
of total absence of solar irradiance and, in consequence, all the heat
input coming from a combustion chamber, and the hybrid cases in
between.

The system was validated by comparing the predicted values of
several variables with those of a commercial turbine. The compar-
ison probed that the model can satisfactorily predict results close
to those of real plants. As the model is analytical in nature, in prin-
ciple, it opens the doors to future works in order to check the influ-
ence of several parameters, and so to predict which are the key loss
sources in real systems. This can be done from the viewpoint of the
solar subsystem, analyzing the influence of variables such as the
effective solar collector temperature or heat transfer losses terms.
The losses coefficients associated to the components of the gas-tur-
bine itself could also be analyzed. Moreover, analyses in reference
to combustion details as the fuel to be burned or peculiarities of
the combustion chamber could be also performed in the future.
Going a little bit further our model can be used as starting point
for optimization analyses, by choosing one or several particular
objective functions to be optimized and those design or function-
ing variables susceptible to be modified in order to obtain the opti-
mum output records. This should be done in the framework of
multi-objective multi-parametric optimization techniques as a
consequence of the existence of several variables and objective
functions to be simultaneously analyzed. This analysis could report
useful guidelines in the development of future generations of Bray-
ton hybrid solar plants, with the aim to increase its efficiency and
reduce fossil fuel consumption to make them interesting for com-
mercial use.
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